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ABSTRACT

In this work, a computational fluid-film bearing analysis
model has been utilized in order to investigate the conjugate heat
transfer problem for a tapered-land bearing using computational
fluid dynamics (CFD) analysis. The academic model is based
on the 2D Reynolds equation for the pressure distribution in the
film the 3D energy equation is solved for the the bearing pad
and the fluid film; therefore, the lubricant properties such as vis-
cosity and density could be made temperature-dependent. The
runner is modeled using a 2D axisymmetric mesh. The current
analysis excludes the mechanical or thermal deformations of the
bearing and the runner since it was observed that the results for
output quantities such as film temperature, film pressure, torque
and load capacity were within reasonable agreement with the
benchmark data obtained from the experiments for the majority
of the speed and load cases studied. Comparisons of modeling
results against the benchmark data was obtained for cases rang-
ing from 2000 rpm to 10,000 rpm at loads varying from 1000 N
to 8000 N. The importance of proper boundary conditions used in
the heat transfer model is emphasized as well as the coupling of
heat transfer between the film and the solid surfaces of collar and
the bearing is described. The results obtained here yielded that
a thermohydrodynamic (THD) model that includes the energy
transfer into the structures surrounding the fluid film is sufficient
enough to predict the performance of a tapered-land bearing at a
wide speed and load range in the case where the runner is thick
enough that the effect of deformations on the results can be ig-

nored.

NOMENCLATURE
CFD Computational Fluid Dynamics
THD Thermohydrodynamic
TEHD Thermoelastohydrodynamic
h Film thickness
HP Power loss (hp)
Mt Friction torque
n Number of pads
P Static pressure
Ri Bearing inner radius
Ro Bearing outer radius
Rir Runner inner radius
Ror Runner outer radius
T Temperature
Wp Pad thickness
W1 Groove thickness
Wr Runner thickness
δ Taper height
φp Pad angle (degree)
φg Groove angle (degree)
φL Taper starting angle (degree)
ω Rotational speed (rpm)
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FIGURE 1: KINGSBURY’S HYDRODYNAMIC FIXED-
PROFILE THRUST AND JOURNAL BEARING.

INTRODUCTION
Tapered-land thrust bearings are fluid-film bearings that fall

into the category of fixed-profile thrust bearings among other de-
signs such as flat-land thrust bearings, step-land thrust bearings
and pocket–pad thrust bearings [1]. They share the common fea-
tures of fixed-profile thrust bearings as they are simple to de-
sign and manufacture relative to more complex alternatives such
as the tilting-pad thrust bearings. In comparison to other fixed-
profile bearings, the tapered-land design allows to carry more
load and can be utilized at a wider range of rotating speeds.

Tapered-land thrust bearings are mostly utilized in oil-
lubricated rotating machinery such as turbines, pumps and tur-
bochargers. They can be either used as a stand-alone bearing to
support axial loads or combined with a journal bearing to con-
strain the radial orientation of the shaft as shown in Fig. 1. The
thrust bearing pads are manufactured in the shape of circumfer-
ential sectors separated with grooves for fresh oil supply. The
groove is provided with oil at the internal diameter of the bear-
ing while the a much smaller exit area exists in the outer diameter
of the groove to create a pocket for the fresh oil to mix with the
hot oil leaving the pads. The tapered section of the thrust pad
starts at the leading edge and usually spans majority of the pad
angle where the pressure in the film would be developed due to
the converging wedge. The taper is manufactured with a constant
angle in circumferential direction or a compound taper could also
be manufactured that spans both circumferential and radial direc-
tions. For bi-directional applications an opposite tapered section
could also be machined at the trailing edge section of the thrust
pads.

Prediction of the performance of tapered-land bearings is
important to assess the operating limits based on the minimum
film thickness and maximum pad temperature as well as eval-

uating power loss and oil flow requirements. One can refer to
guides [2] and tables [3] published in the literature for quick de-
sign calculations. Booser et al. [4] have presented analytical ex-
pressions of temperature rise across the pads of a tapered-land
bearing under laminar and turbulent conditions. It is also pos-
sible to utilize computer programs to obtain more detailed flow
characteristics of the oil film as well as thermal and stress con-
ditions on the bearing and collar structures. In one example of
such an analysis, Brockett et al. [5] has used a Reynolds equa-
tion based film solver coupled with thermo-elastic deformation
solver for the runner and the bearing in order to investigate the
effect of runner deformations in the performance of a 6-in di-
ameter, 10-pad tapered-land bearing. They have concluded that
heat conduction into the bearing and the runner affected the re-
sults significantly especially at higher loads and consequently the
thermal deformations played a more crucial role in predicting the
pad temperatures compared to pure mechanical deformations. In
a later study by Dadouche et al. [6] Reynolds equation based sim-
ulations were compared against experimental data for a 200 mm
(7.87 in) tapered-land bearing [7] where only the heat conduction
to the bearing was considered with an insulated collar assump-
tion while the structural deformations were ignored. They con-
cluded that only 10-20% of the heat was conducted to the bearing
from the film and the relation of the maximum pad temperature
to the oil inlet temperature wasn’t linear.

A 3-inch tapered-land thrust bearing with inclined grooves
was studied much earlier where water was used as the lubri-
cant [8]. An isothermal Reynolds-equation based modeling was
also conducted study the effect of the groove inclination an-
gle and the effect of turbulence and centrifugal inertia. It was
found that turbulence helped with the load capacity while in-
ertia effects influenced the results less than 7%. The torque
measurements obtained using a bearing with a 30◦ groove in-
clination angle showed a sharp change in the trend which indi-
cated that the turbulence occured for maximum Reynolds num-
ber, 4100<Remax < 5000. Recently Henry et al. [9] extended the
speed range of the experiments of Dadouche [7] using a heavily
instrumented, 89 mm (3.5 in) tapered-land thrust bearing and an
upgraded experimental set-up. This study was selected as the
benchmark case studied numerically in this work since detailed
bearing performance characteristics were provided such as pad
temperature, pressure, minimum film thickness and torque. A
stiff collar was utilized to minimize the effect of mechanical de-
formations of the collar on the data collected.

In this work, we validate a computational model developed
for thrust bearing analysis for the operating conditions published
by University of Poitiers for a tapered-land thrust bearing. Fig-
ure 2 shows the range of load and surface speed studied by pre-
vious researchers experimentally and numerically. Compared to
previous validation studies the current work extends the range of
validation in terms of surface speed which covers the turbulent
regime as well. Previous numerical investigations of tapered-
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FIGURE 2: OPERATING CONDITIONS OF PREVIOUS
WORKS CITED IN THE LITERATURE THAT STUDIED
TAPERED-LAND THRUST BEARINGS.

land bearings were either not validated against experiments or
comparisons were made for lower operating speeds.

The rest of the paper is organized as follows: first, the nu-
merical model developed for modeling the tapered-land thrust
bearing is shown. The geometry, material properties and bound-
ary conditions are described. Next, the operating conditions of
the bearing is presented and comparisons against experimental
data is shown. Finally, conclusions and discussion of the analy-
sis follow.

NUMERICAL MODEL
Governing Equations

The numerical model used in this work was built using
THRUST v5.2 code developed by the Rotating Machinery and
Controls Laboratory (ROMAC) of University of Virginia. It
solves a two-dimensional Reynold’s equation and the three-
dimensional energy equation for the pressure and temperature
distribution in the film, respectively. It also solves the heat con-
duction equation and the equations of elasticity for the bearing
and the runner solid structures; however, the effect of deforma-
tions on bearing operation was assumed to be negligible in the

current study. The generalized Reynold’s equation is given as:
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Here, the film thickness, h, is expressed as below for a ta-
pered land bearing with parallel taper leading and trailing edges:
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The energy solution in the film is obtained in three dimen-
sions for an incompressible fluids with constant specific heat us-
ing the following equation where conduction terms in the cir-
cumferential and radial directions were also considered:
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The Poisson’s equation in three dimensions is given as
∇ · (k∇T )+Q = 0 for the conduction of heat in the solid bod-
ies which reduces to the three-dimensional Laplace’s equation in
Cartesian coordinates for a constant thermal conductivity, k, and
zero internal heat generation, Q:

∂ 2T
∂x2 +

∂ 2T
∂y2 +

∂ 2T
∂ z2 = 0. (5)

Additional details on the governing equations the THD code
is based on can be found at [5] and [10].

Geometry and Boundary Conditions The bearing
and the runner bodies included in the thermohydrodynamic anal-
ysis presented here are shown in Fig. 3. The triangular outlet
cross section at the groove between the pads of the bearing and
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FIGURE 3: EXPERIMENTAL FIXED-PAD THRUST BEAR-
ING AND RUNNER INCLUDED IN THE THD MODEL.

the exact geometrical features on the shaft mounting side of the
runner are not completely represented in the built-in geometry
and mesh generator in the code; however, overall geometrical
characteristics are captured well. The runner is represented as
an axisymmetric two-dimensional slice in the radial direction
with symmetry assumed in the circumferential direction while
the three-dimensional bearing pad geometry and corresponding
film layer are represented as sector cut models as shown in Fig. 4
with circumferential symmetry planes placed in the radial mid-
planes of the grooves on each side of a bearing pad. The mesh for
the oil film is exaggerated in size in the axial direction in Fig. 4
for better visualization of the tapered and the flat sections of the
film.

Figure 5 shows the dimensions of one pad sector of the bear-
ing geometry used in the code where the top layer of the mesh is
scaled up for clarity here. The values used in the generation of
the mesh is given in Table 1.

The boundary conditions at the film outer surface, film inner
surface and film side surfaces are set so that the static pressure is
equal to zero for the solution of the Reynold’s equation. When
the pressure drops below zero in areas of the film where cavita-
tion is predicted then the pressure is assumed to be zero at those
locations as well. Boundary conditions for the solution of the
energy equation in the film include specified temperature values
at the film top surface facing the runner and at the film bottom
surface facing the bearing. The nodal temperatures at the inter-
face surfaces are averaged and a constant temperature value is as-
signed to the film top surface at each iteration. On the other hand,
the nodes in the film mesh at the film bottom surface are assigned
pad temperature values at the same nodes that are shared with the

FIGURE 4: THE MESH REPRESENTING THE RUNNER, OIL
FILM AND THE BEARING PAD IN THE THD ANALYSIS
AND THE LABELING USED FOR THE BOUNDARY CON-
DITIONS.

FIGURE 5: SIDE VIEW OF THE FEA MESH EXLUDING
THE BASE RING.

pad mesh on pad top surface. The film outer surface, film inner
surface and film trailing edge surface are assumed to be insu-
lated while the film leading edge surface is assigned a constant
temperature, Ti, based on the groove mixing model used in the
code. There are various groove mixing models proposed in the
literature but the version that is being used in this work uses the
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TABLE 1: GEOMETRY DETAILS OF THE TAPERED-LAND
BEARING AND THE RUNNER.

Ri 25 mm Rir 1 mm

Ro 45 mm Ror 70 mm

Wp 10 mm Wr 20 mm

W1 4 mm n 8

δ 0.0189 mm φp 40◦

φg 5◦ φL 36.64◦

following equation for the calculation of Ti:

Ti = Tf + ε

(
Qs

Qi
−1
)
(Tf −To) (6)

where Tf = 40◦C is the oil supply temperature and To is the
pad outlet film temperature and Qi is the flow rate calculated at
the pad leading edge while Qs represents pad side leakage flow
rate. This model is a variant of Neal’s groove mixing model [11]
where a hot-oil carry-over factor, ε , is utilized that represents the
ratio of the hot oil from the preceding pad being unmixed with
the fresh oil supply in the groove before it enters the pad at the
leading edge. It is difficult to predict the value to use for the
hot-oil carry-over factor and it usually depends on the bearing
characteristics. In the results shown here a ratio of ε = 1 was
used that matched the experimental data better.

The runner thermal boundary conditions include adiabatic
conditions at the runner inner surface, a constant heat transfer
coefficient value of hr = 25 W/m2.K with ambient temperature
set at supply temperature Tr,∞ = 40◦C at the runner top surface
and runner outer surface. The film temperature at the interface
with the runner was averaged and applied to the runner bottom
surface as a fixed temperature boundary condition. The pad ther-
mal boundary conditions include periodic symmetry at the pad
side surfaces and a constant heat transfer coefficient value of
hb = 1000 W/m2.K with ambient temperature set at Tb,∞ = 40◦C
at all other surrounding pad outer surfaces. The heat transfer
coefficients and ambient temperatures used here are based on the
previous computational fluid dynamics work by Charitopoulos et
al. [12] where the effects of surface texturing was studied using
the same benchmark bearing presented in this work. Although
the heat transfer coefficients at other outer surfaces of the runner
and bearing pad is provided in [12], only two values are utilized
in this study since the THD code used in this work cannot spec-
ify individual heat transfer boundary conditions on each outer
surface independently.

Material Properties The thrust bearing material used in
the benchmark experimental case was bronze UE9P while the
runner was of XC38 steel which is equivalent to AISI 1038. A
thermal conductivity value of kb = 62× 10−3 kW/m.C for the
bronze bearing and kr = 43.6×10−3 kW/m.C for the steel runner
were used.

The lubricant used in the benchmark experiments were ISO
VG 46 mineral oil. Fluid properties, except viscosity, are
used as non-temperature-dependent values. The specific grav-
ity was selected to be sg = 0.838 using a density value of ρ =
837.28 kg/m3 at T = 77 ◦C which corresponds to an average film
temperature obtained in the experiments within the operating
conditions studied in this work. The specific heat is calculated
using the correlation cp = (1/sg@60◦F0.5)(0.388+ 0.00045T )
which yields 195.81 Btu.in/lbf.s2-F at T = 77◦ C which corre-
sponds to cp = 2.1234 kJ/kh.K. Similarly a fixed value, k f =
0.128 kW/m.◦C for the thermal conductivity was used that cor-
responded to T = 77◦C.

The viscosity of the lubricant is represented as a function of
temperature using the Roeland’s viscosity-temperature-pressure
equation as given below:

µR = µ0 exp

{
(ln µ0 +9.67)

[(
T −138
T0 −138

)−S0

(1+5.1×10−9 p)Z −1

]}
(7)

where,
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[
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ln µ0+9.67 +1

]
ln
(
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T0−138

) (8)

and

Z =
ln
[

ln µ2/µ0
ln µ0+9.67 +1

]
ln(1+5.1×10−9 p1)

(9)

are termed as Roeland’s thermoviscous and pressure-viscosity
parameters, respectively [10]. In Eq.(7) T is in K, p is in Pa
and µ is given in Pa.s. In this study, the pressure effects on vis-
cosity was assumed to be negligible due to low film pressures
so p in Eq.(7) is taken as zero. This is an assumption which
could be taken when the additional viscosity value µ2 at T0 and
p1 is not known to calculate Eq.(9). Two viscosity values at
two separate temperatures are needed to calculate the thermo-
viscous term for ISO VG 46 lubricant given in Eq.(8). Henry
et al. [9] have reported that the lubricant used in the experi-
ments had µ0 = 0.0416Pa.s at T0 = 40◦C and µ1 = 0.0105Pa.s at
T1 = 80◦C which yields S0 =−1.16. Figure 6 shows that Eq.(7)
represents the temperature dependency of the dynamic viscosity
of ISO VG 46 lubricant well.
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FIGURE 6: TEMPERATURE DEPENDENCY OF THE ISO VG
46 LUBRICANT USED IN THE CURRENT STUDY.

RESULTS
Simulations were conducted at 2000 rpm, 6000 rpm and

10,000 rpm rotational speeds which corresponds to 7.3 m/s,
21.9 m/s and 36.6 m/s linear velocity at mid radius, respectively.
A set of eight nominal load conditions were calculated at each
speed ranging from 1000 N to 8000 N at increments of 1000 N
which resulted in an average pressure range of 0.25−2.04 MPa.
The inlet temperature for the lubricant was set at 40 C while the
supply flow rate is not set in the code. The pressure was set at
0.1 MPa during the experiments in [9]; however, it is not avail-
able to specify inlet flow rate or supply pressure in the code used
in this study for tapered-land bearings. Henry et al. [9] were able
to vary inlet pressures from 0.05 MPa to 0.15 MPa at 40◦ C and
have shown that the bearing performance in terms of minimum
film thickness and friction torque was not affected significantly.

The flow is assumed to be laminar and the effect of cavita-
tion is ignored. The maximum local Reynolds number calculated
by the program was 167.6 which indicates the laminar flow as-
sumption is valid.

The number of elements in the two-dimensional mesh for
the solution of the Reynolds equation in the oil film was 480,
while 400 elements were used in the asymmetric runner mesh.
The number of elements in the 3D mesh used to solve the heat
transfer was 2880 for the oil film and 3080 for the bearing pad.
The mesh was refined for the film and the bearing pad consec-
utively twice as shown in Table 2 to evaluate the effect of the
level of spatial discretization used in the results for temperature
and pressure. Using the Richardson’s extrapolation and grid con-
vergence index method where the functionals chosen were the
temperature at 75/75 location and pressure at 70/50 location at
8000 N and 6000 rpm, it was calculated that the uncertainty due
to spatial discretization error at the base mesh level was less than

1% for both variables.

TABLE 2: EFFECT OF MESH REFINEMENT ON PRESSURE
AND TEMPERATURE AT 75/75 LOCATION AND PRES-
SURE AT 70/50 LOCATION AT 6000 RPM AND 8000 N.

No. of elements Base mesh Fine mesh Finer mesh

2D Reynolds eqn. 480 1080 1920

3D film energy eqn. 2880 6480 11520

3D pad energy eqn. 3080 9270 20640

75/75 temperature 84.22◦C 83.77◦C 83.55◦C

70/50 pressure 3.538 MPa 3.511 MPa 3.499 MPa

Figure 7 shows the comparison of the pressure contours at
the film-pad interface obtained at 8000 N for three different rota-
tional speeds. The pictures on the top are THD results while the
bottom figures are contour maps plotted using the experimental
data. The contour plots that correspond to the experimental data
has missing areas on the outer regions of the pad since measure-
ments were not obtained at these locations. The peak pressure
value is not captured in the experimental contour plots since the
locations of the pressure taps on the surface of the pad don’t cor-
respond to the maximum pressure location. THD results indicate
that with increased speed the peak pressure value drops which
is expected as the film thickness gets larger. The location of the
peak pressure is also observed to move towards the leading edge
as the speed goes up. Experimental data indicates a shift of the
peak location away from the land region of the pad while the
drop in peak pressure with increased speed is not obvious as it is
in the THD plots.

In addition to the 12 pressure taps shown in Fig. 7 the bench-
mark data is also available at the 70/50 location on the pad which
corresponds to a point on the surface of the pad that is located at
the radial centerline of the pad and 70% arc length distance away
from the leading edge circumferentially. It is observed in Fig. 8
that the THD model is able to capture the static pressure on the
surface of the pad at 70/50 location succesfully for the major-
ity of the cases calculated at various loads. The relative percent
error between the experimental data and the numerical results
were calculated as (PROMAC −Pexp)/Pexp ×100. It was observed
that for the cases where the load was larger than 3000 N the cal-
culations are within 5% of the experimental pressure value at
70/50 location; however, the percent error at 1000 N ranges be-
tween 14% and 28% corresponding to speeds at 2000 rpm and
10000 rpm, respectively.

The 70/50 pressure value drops with increase in speed simi-
larly as it was seen for peak pressures in Fig. 7 which is observed
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FIGURE 7: THD RESULTS (ON TOP) COMPARED AGAINST THE EXPERIMENTAL PRESSURE (UNITS IN MPA) PROFILES
ALONG THE SURFACE OF THE PAD (ON THE BOTTOM) AT 8000 N.

FIGURE 8: Comparison of ROMAC’s THD results against the
experimental data for average pad pressure at 70/50 location.

both in experimental data and THD results at all loads. It was
observed that a five fold increase in speed (max surface speed
18.85 m/s to 94.25 m/s) doesn’t correspond to a significant in-

crease in the load capacity since the pressure distribution at 2000
N and 10,000 N are relatively similar in terms of peak pressure
and profile.

The minimum pressure value is obtained as zero in the THD
calculations as seen in Fig. 7 since zero pressure boundary con-
dition was applied at the pad outer edges and negative film pres-
sures predicted in the film are set to zero. It was also observed
that the experimental measurements don’t record pressure values
lower than the atmospheric pressure at the 12 pressure points in
the pad at any of the speeds analyzed in this work; therefore, it
is concluded that cavitation effects are negligable in the calcula-
tions.

Film thickness measurements are also available from the
benchmark data where two opposite proximity sensors attached
to the bearing housing and facing the rotor were used. The com-
parison of the calculated minimum film thickness against the ex-
perimental data is shown in Fig. 9. It is observed that THD calcu-
lations without mechanical and thermal deformations were suc-
cesful in predicting the minimum film thickness among the load
and speed range of the experiments. The percent error in film
thickness was calculated to be within 10% of the experimental
value for axial load less than 7000 N while the error raised up to
15% beyond that. One can think that the error is primarily related
to the effect of mechanical and thermal deformations of the bear-
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FIGURE 9: Comparison of ROMAC’s THD results against the
experimental data for minimum film thickness.

ing and collar that is ignored in the THD method. It is worth to
note that the experimental measurements for the minimum film
thickness don’t account for the bearing deformations as the prox-
imity probes are located outside the bearing. The experimental
measurements include the collar deformations; however, the lo-
cation of the sensors are outside of the film and that could have
an error contribution to the experimental minimum film thickness
values obtained.

Another contour plot comparison is presented in Fig. 10 for
local temperature measurements on the pad surface for the cal-
culated THD results against the experimental measurements at
8000 N for three rotational speeds at 2000 rpm, 6000 rpm and
10000 rpm. Similar to Fig. 7, the temperature maps obtained
from the ROMAC code are shown on top at each speed while
the contour plots for experimental temperature data are plotted
on the bottom. As it was previously shown for the pressure con-
tours, the parts of the pad where temperature measurements were
not obtained are not included in the experimental temperature
contour plots.

The THD results indicate a linear increase from the leading
edge towards the trailing edge with the hottest point on the pad
located at the corner on the land section of the pad at the outer
diameter. This can be considered as an advantage of the tapered-
land bearing design as the hottest pad surface point and the peak
pressure point are not close to each other, which is considered
to determine the ultimate load capacity of babbitted bearings in
terms of creep behavior.

The linear change in temperature observed in the numerical
results are also seen in the tapered section of the pad in the con-
tour plots obtained from the experimental data. The temperature

profile in the land section of the pad, on the other hand, shows
an increase in temperature followed by a slight reduction getting
close to the trailing edge of the pad. Consequently the hottest
pad temperature doesn’t occur at the point closest to the trailing
edge top corner in the experimental temperature plots but slightly
inward of the trailing edge. This difference in the temperature
profiles is related to thermal crowning of the bearing pads and
the collar which contributes to the error between the THD model
and the benchmark data.

The percent error was calculated for the surface temperature
calculated at the 75/75 location of the pad where the calcula-
tions were within 4% of experimental data for loads larger than
2000 N. At 1000 N the maximum percent error was 8%. Simi-
lar to the percent error calculated for the film pressure values at
70/50 location, the largest error for 75/75 film temperature also
is observed at the lightest load studied in this work as shown in
Fig. 11.

Possible sources of error in the calculations, besides ignor-
ing the deformations, could be related to the limited surfaces on
the mesh for the pad and runner where a heat transfer coeffi-
cient value can be assigned within the ROMAC code. The hot-oil
carry-over factor has also a significant effect on the temperature
comparison presented in Fig. 11. In this study 100% of the hot
oil was assumed to be carried over to the next pad, hence the
model slightly overpredicts the 75/75 temperatures as shown in
Fig. 11 except at 2000 rpm. Finally the ROMAC code doesn’t
allow to specify an inlet pressure value for the lubricant supply
which could also affect the sump temperature and the film tem-
prature prediction at the leading edge of the pad.

Finally, the friction torque comparison is shown in Fig. 12
where the value of torque imposed on the runner by the fluid
film is observed to increase with increasing load values. This
is expected as the resistance in the film gets larger as the film
thickness is reduced for higher loads. This value is directly re-
lated to the power loss due to viscous dissipation in the oil film.
The ROMAC code calculates the power loss in the bearing by
integrating the shear stress at the runner-film interface over the
total bearing area and multiplying that with the moment arm
with respect to the axis of rotation. The torque value is ex-
tracted from the power loss value output of the code using the
relation, HP = (2πMtω/396,000) which is then converted from
hp to N.m by multiplying Mt with 0.1129848. The agreement
between the THD calculation and the experimental values is rea-
sonable where the relative percent error was calculated to be less
than 10%.

CONCLUSIONS
In this paper, a computational analysis of a tapered-land

bearing has been presented using ROMAC’s Thrust code ver-
sion 5.2. Pressure and temperature field in the film was calcu-
lated in conjunction with the solution of the heat conduction in
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FIGURE 10: THD RESULTS (ON TOP) COMPARED AGAINST THE EXPERIMENTAL TEMPERATURE (UNITS IN C) PROFILES
ALONG THE SURFACE OF THE PAD (ON THE BOTTOM) AT 8000 N.

FIGURE 11: Comparison of ROMAC’s THD results against the
experimental data for average pad temperature at 75/75 location.

the bearing pad and the runner structures on each side of the oil
film. Although the mechanical and thermal deformations of the
bearing and runner parts are not considered here, the calcula-

FIGURE 12: Comparison of ROMAC’s THD results against the
experimental data for friction torque.

tions for pressure at 70/50 location on the pad surface, tempera-
ture value at 75/75 location, minimum film thickness and friction
torque values were satisfactory. The most important inputs to the
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computational model utilized here were observed to be the heat
transfer coefficient values imposed as boundary condtions for the
non-lubricated surfaces of the bearing and runner parts as well
as the hot-oil carry-over factor. The correct selection of these
parameters were instrumental in obtaining a good agreement be-
tween the calculations and the experimental data available from
the benchmark problem that is modeled here.

Future work would include inclusion of the thermal and me-
chanical deformations in the calculations to evaluate if the error
between the calculations and the experiments would get better
especially for the comparison of temperature at 75/75 location.
The Reynolds number calculated for the speed and load cases
that were obtained from the experimental study was low enough
to consider turbulence effects on the results; however, effect of
cavitation would be important to include once the pad is allowed
to crown thermally in future studies.
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