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Introduction

The leading-edge-groove (LEG) bearing is a term used to
describe a new design of tilting pad bearing that incorporates
an oil distribution groove at the leading edge of each pad. The
principle behind the operation of this bearing is that a con-
trolled amount of cool lubricant is introduced directly into the
oil film from the groove. In high speed thrust bearings, this
method of oil supply has been found to give significantly re-
duced frictional losses and operating temperatures (Mikula,
1988).

This paper describes an experimental and theoretical study
of a leading-edge-groove tilting pad journal bearing. Test re-
sults from this bearing are compared with experimental data
taken from a conventional tilting pad journal bearing. Initial
results are encouraging since they show that the LEG bearing
has significantly lower metal temperatures to those of the con-
ventional bearing, when operating at higher shaft speeds. A
theoretical study of the LEG bearing indicates that this is the
result of reducing the amount of hot oil carried over from one
pad to the next.

Hot oil carry over, and the problem of calculating the tem-
perature at the leading edge of the oil film, has been investi-
gated only a few times in recent years. In a series of studies
on hot oil carry over in thrust bearings, Ettles (1968, 1570)
analyzed the thermal and velocity boundary layers in the space
(or groove) between the bearing pads and defined a hot oil
carry over factor:
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oil carried over from one pad to the next.

From results presented in these papers, it was shown that a
layer of hot oil adheres to the thrust runner, regardless of oil
flow and temperature conditions within the groove. Providing
both the hot oil carry over factor and the runner temperature
are known, the temperature of the oil film at the leading edge
(2,) can be found. Values of A vary between 0.5 and 0.93, and
were determined experimentally by Ettles (1970), and later by
Ettles and Advani (1980).

Using the Ettles’ hot oil carry over factor, Vohr (1981) ana-
lyzed the behavior of a large thrust bearing, but found that a
small inaccuracy in the assumed value of A could lead to a
large difference in the calculated oil temperature. Vohr then
considered the heat balance of the entire bearing and included
the analysis of the thermal boundary layer across the groove.
However, the complexity of this analysis makes it’s application
to the calculation of bearing performance difficult.

Mitsui et al. (1983) presented a modified form of Ettles’ hot
oil carry over factor that was related to both the outlet flow
and the total flow entering the oil film, i.e.,

_(m-t)a

= 2
(,—t)q: @

The values of A, estimated experimentally, ranged from 0.4
to 1.0,

Heshmat and Pinkus (1986) considered the energy balance
in the bearing groove and obtained the following relationships
for calculating the leading edge oil temperature:

_la — @i+ @ta—A
' @i(1+N)

3)
where
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Fig- 1 Schematic of the shaft-bearing assembly

0 if t expressed in °F

160
% A

The factor A is referred to as a mixing coefficient and rep-
resents the amount of heat lost by the trailing edge oil flow
(gq2), before entering the leading edge of the next pad. The
mixing coefficient was calculated from the following empirical
formula:

A= “)

if t expressed in °C

A=91073(1 = 1.017U +0.017U(5 - 35) ®)
where
U=L (U in ft/min) ()
5000
Bh=l  (tin °F) ™
120

In this paper dealing with the LEG and conventional designs
of tilting pad journal bearing, it is shown that simple ‘‘mixing’’
equations can be used to determine the oil temperature at the
leading edge of the pads.

Experimental Apparatus

Test Rig. Figure 1 shows the test arrangement which is
based on the concept of a free test bearing and a fixed shaft.
In this configuration, the shaft element rotates and the other
element (the bearing) moves in response to the applied load.

Shaft rotation

Symbol|# of are
Loaded pads —te—— -o-4o length
4 5
[e] 85
A 80
Unloaded pads = &
=] 95
Leading _)I L_ Trailing
edge edge

Fig. 2 Location of the thermocouples in the bearing pads

The 0.098 m diameter shaft is supported on high precision,
angular contact ball bearings, lubricated by an oil-air system.
A 37 kW variable speed electric motor, driving through a belt
and pulley system, provides a range of shaft speeds between
1800 and 16500 rev/min.

Eddy current probes mounted on the ends of the bearing
housing measure horizontal and vertical displacements of the
bearing with respect to the shaft. Nonparallel lateral movement
of the bearing, resulting from misalignment of the bearing
loading system, is minimized by the use of axial tensioned
wires attached to the ends of the bearing housing. Because
these wires have lateral flexibility, they have little influence on
the radial movement of the bearing housing.

Figure 2 shows where the copper-constantan thermocouples
were located in the test bearings. In this arrangement, which
was common to both the LEG and conventional bearings, the
thermocouples were embedded in the babbitt lining to within
0.5 mm of the bearing surface.

Data from the instrumentation was processed by a high speed
data acquisition system. These data were stored in the memory
of the data acquisition system and passed, at a later time, to
the host computer. Uncertainties in the measurement of tem-
perature, shaft rotational speed, load, and thermocouple lo-
cation were estimated to be = 1C, 0.6 percent, 0.9 percent,
and +0.5 mm, respectively.

Bearing Design and Test Parameters. The test bearings had
a length/diameter ratio of 0.387, and comprised of five offset
pivot (0.6), steel backed, babbitt lined pads, a steel aligning
ring and two aluminum alloy end plates. The back of each
journal pad was contoured both circumferentially and axially
to allow the pads to adjust to conditions of axial misalignment.
Bearing and pad radial clearances, and pad preload factor,
were, respectively, 0.076 mm, 0.102 mm, and 0.25.

Nomenclature
¢ = specific heat of oil t; = oil film temperature H = nondimensional oil film
d = nominal bearing diame- t; = inlet oil temperature thickness, H = h/C -
ter t; = oil temperature at pad I;, = second moment of pad
g = local pad thickness leading edge cross section at pivot
gniv = Dad thickness at pivot t, = bearing temperature Ty = gf,ivL/ 12
h = oil film height u = oil velocity in circum- L = bearing width
k, = heat conductivity of ferential direction M = nondimensional viscos-
bearing w = oil velocity in axial di- ity, M = p/u;
k, = heat conductivity of oil rection M, = nondimensional bending
m, = bending moment yr = radial coordinate moment My = m4(2C/
p = pressure z = axial coordinate d)*/ (pwld)
g, = pad leading edge flow C = pad radial clearance Nu = Nusselt number, Nu =
g> = pad trailing edge flow D = assumed pad outside di- a(d/2)/k,
r = bearing radial coordi- ameter P = nondimensional pres-
nate E = modulus of elasticity in sure, P = p(ZC/d)z/
t, = ambient temperature tension (uiw)
t; = journal surface temper- G = modulus of elasticity in R = nondimensional radius,

ature
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Figure 3 shows the arrangement of the conventional and
LEG bearing pads. The effective pad angle of both bearings
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Table 1 Nominal oil flow rates (10™¢ m?/s)

Shaft speed, rpm

Load, N 1800 3600 5000 9000 12000 16500
1300 0.15 0.39 0.61 1.37 2.11 3.60
5200 0.21 0.52 0.76 1.56 2.32 3.81

10350 0.28 0.66 0.93 1.82 2.63 4.21
11200 0.29 0.65 0.95 1.85 2.67 4,27
Computer Model

Thermohydrodynamic models of the conventional and LEG
bearing designs were used to evaluate their steady state per-
formance. These models calculate the pressure, temperature,
and film thickness distributions at each pad, after accounting
for thermal and elastic distortion of the bearing pads, and
cross film variations in temperature (and viscosity).

Reynolds’ Equation.

The pressure distribution in the oil

film is calculated from the following nondimensional form of
the Reynolds’ equation in cylindrical coordinates (Dowson,
1962 and Hakanson, 1965):

d 1
oH E(S Sid Y,)
¥P B g aP

5@54- 3'7§'+

was 56.1 deg, although the LEG pad was slightly longer because

of the leading edge groove. The axial length of this groove

was 33.5 mm.

The lubricant was a light turbine oil (ISO VG32) with a

viscosity of 0.02325 Pa.s @ 40C and 0.0054 Pa.s @ 100C.
The oil supply temperature to the test bearings was regulated
between 48C and 50C by a feedback control device and a shell
and tube heat exchanger.

The bearings were tested for two directions of load, viz.:
load between pads (LBP) and load on pad (LOP). Other test

conditions were as follows:

Shaft speeds:

Bearing loads:
Nominal oil flow rates:

1800 to 16500 rev/min.
5.2 and 11.2 kN.
dependent on load and speed (see

Table 1)

Tests were also conducted at 50 and 150 percent
nominal flow rates.

Nomenclature (cont.)

of the

where

1
S 5,dY;
0

d\’#'P_
*\L) a2

aZ

1 OH [ !
—_— [W(L S,dY;— 1)

Ty, 1
i ﬁdyf v L 3 4%r
__yfl_;y §° eSS Slld}'
o M7 oM
®

The coordinate system is shown in Fig. 4.

For an uncavitated film, Eq. (8) is solved assuming that p

nondimensional ambient
temperature, T, =
1.00(2C/d)*/ (pw)
nondimensional journal
surface temperature 7T,
= 10(2C/d)?/ (pw)
nondimensional oil film
temperature, Ty =
1cp(2C/d)?/ (piw)
nondimensional bearing
temperature, T, =
1,c0(2C/d)?/ (pw)
nondimensional oil ve-
locity components in
circumferential and ax-
ial directions, respec-
tively, U = 2u/(wd),
W = 2w/(wd)
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nondimensional radial
oil film coordinate, ¥,
= yf/ C
nondimensional axial
coordinate, Z = 2z/L
heat transfer coefficient
local pad distortion

hot oil carry over factor
(or mixing coefficient)
coefficient of thermal
expansion

local oil viscosity

inlet oil viscosity

oil density

shaft angular speed
nondimensional local
pad deflection, A =
é/C

AT, = local, nondimensional
temperature difference
across pad

A = reciprocal of Peclet
number, A = ky/
(wepC?)

Ap, As, Ar = coefficients in pad de-
flection Eq. (22), see re-
lationship (23)

0 = time
¥ = angular coordinate
¥1 = pad leading edge angu-
lar coordinate
Y. = pad trailing edge angu-
lar coordinate
VY. = angular coordinate: end

) of pressure zone
) = angular pivot location

of ith pad
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Fig. 4 Coordinate system

- Journal center

= P = 0 at all boundaries. For a cavitated film, the Swift-
Stieber boundary condition is assumed, i.e.,

aP
P—a—‘b'—()_

at the end of the pressure zone.

(11

Energy Equation. The temperature distribution in the oil
film is governed by the energy equation. This equation takes
account of heat convection in the circumferential direction and
heat conduction across the oil film (Dmochowski, 1981), i.e.,

2 2
8T;_A FT,_ M (aU\* (oW
+ (12)
Y7/
(see Fig. 4 for coordinate system).

Yoy HaY: HY| \oYy,

The values of U, 3U/3Yy, dW/a Y, are averaged in the axial
direction because, as with the Reynolds’ equation, the oil tem-
perature in-the axial direction is assumed to be constant.

The boundary conditions for the energy equation are de-
termined by consideration of the following:

(@) The journal surface temperature. This is assumed to be
equal to the average of all the pad surface temperature dis-
tributions (Dowson et al., 1967), i.e.,

1 Vb
(Tyeo=Ti=3, 3 L{i)(Tp)&:l & a3
(b) Temperature distribution at the pad surface, i.e.,
Tr(¥) P =T (V)KL 14

Boundary conditions (@) and (b) are illustrated in Fig. 5.

(c) Oil film temperature at the pad leading edge. This is
assumed to be constant in the radial direction (but variable in
other locations of the film).

Previous attempts to calculate the temperature of the oil at
the pad leading edge (Eqs. (1) to (7)) were based on simplified
theoretical analyses and experimental data, and were subject
to a certain amount of error. This caused the authors to con-
sider using simpler models which would consider mixing of
the hot and cold oil streams at the leading edge of the oil film.
This avoids the use of empirical relationships and gives, as it
. will be shown later, theoretical results which are in good agree-
ment with the test data. In the case of the conventional bearing,
itis assumed that all flow g; (at temperature £,) from the trailing
edge of one pad enters the oil film of the next adjacent pad
(the limitation being that a maximum of 90 percent of g, can
be carried over). In Eq. (3), this assumption implies that A =
0. This leads to the following simple heat balance equation:

- t; Ig
_{(a (12q) +aqats (15)
1

In the case of the LEG bearing, the addition of the oil
distribution groove has a significant effect on both the oil flow

4
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Fig.' 5 Boundary conditions for the energy and heat transfer equations

and heat exchange at the leading edge of the film. The authors
assumed, therefore, that all cold oil entering the leading edge
groove would be pulled, by the action of the rotating shaft,
into the oil film. This assumption can lead to significant re-
ductions in both the amount of hot oil carried over from the
previous pad and the oil temperature at the leading edge of
the next pad. Thus:

_gti+ (qi—q)t
qr

1 (16)

Heat Transfer Equation. The pad is assumed to be part
of a cylinder of inner diameter d, outer diameter D and width
L. If the temperature in the axial direction is assumed constant,
heat transfer through the pad is governed by the Laplace equa-
tion, i.e.,

2 2
T, 19T, 1 §T,
AR R AR R* oy
Boundary conditions (see Fig. 5) correspond to:
(@) equality of heat flux at the pad inner surfaces, i.e.,

<6_Te> =ﬁii<a_Tz>
R Jpy Ko 2CH\OY)),

a7

(18)

(b) convection of heat from all pad surfaces, i.e.,

aT,

<_) +Nu(T,)r=pa=NuT, (19
R=D/d

R

at the pad outer surface, and

ar,
(ﬁ) +NU(T,)y=y, ,=NuT,
v=vy|2

at the ends of the pad.

In a cavitated region of the oil film, the heat flux at the
inner surface of the pad is corrected by assuming that there is
only a single stream of oil. Outside of this stream, it is assumed
that there is no heat exchange whatsoever. Thus:

1

20

S Un(Ve)d Y,
(arg> _H(ye) %0 kg d 1<6T£)
3R H 1 k, 2C H\3Y,
R=1 ¥) S Uav(\[/)d}':f P S Yp=1

0
@n

Boundary conditions (14) and (18) couple together the energy
and heat transfer equations, which are then solved simulta-
neously.

Pad Deflection. Pad deflection is calculated from a one
dimensional equation used commonly in beam theory (Ettles,
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Fig. 6 Maximum pad temperature versus shaft speed. Load 11.2 kN.

1980). This equation allows for the effects of bending moment,
shear force and a temperature gradient across the pad thick-
ness, and is:
d ZA 3iv Epiv Bpi
Ty i{’a— My+8s S P+ 452 AT, (2)

where
pwld® pod

"= e\’ T e\
8 (?) EI piv 8 <_d-> Ggpiv
wwdN,
2c\’
2cyp (‘&“) Bpiv
The boundary conditions are:

dA
;‘E=O at "l’:\bpiv
Equations (8)-(24) are solved using the finite difference
method (Dmochowski, 1981). The iteration procedure, de-
scribed by Brockwell and Dmochowski (1992), continues until
the convergence criteria are fulfilled. For the pressure, energy
and heat transfer equations, convergence is achieved if two
consecutive approximations differ by less than 1 percent.

Ar= @23)

A=0 and 24

Experimental Results

Conventional Versus LEG Bearing Temperatures. Figure
6(a) shows the maximum pad temperatures, plotted against
shaft speed, of the conventional and LEG bearings (measured
at the 95 percent location—see Fig. 2), for LBP and a load of
11.2 kN. The maximum temperature of the bearings was similar
for speeds below 5000 rev/min, but at higher speeds the LEG
bearing ran cooler. For example, at 16500 rev/min the max-
imum temperature of the LEG bearing was 103C, compared
to 123C in the case of the conventional bearing. For LOP, the
maximum temperature in both bearings was similar for shaft
speeds up to 9000 rev/min, but at higher speeds the LEG
bearing was again cooler. For example, at 16500 rev/min the
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Fig.8 Pad temperature profiles. Load 11.2 kN, shaft speed 16,500 rpm.

maximum temperature of the LEG bearing was 112C, com-
pared to 122C in the case of the conventional bearing (see Fig.
6(b)). Figure 7 shows that the bearings exhibited a similar
behavior with a load of 5.2 kN.

Figures 8(¢) and 8(b) show measured circumferential pad
temperature profiles for LBP and LOP respectively, for a shaft
speed of 16500 rev/min and a load of 11.2 kN. These figures
show two interesting features. Firstly, the pad leading edge
temperatures of the conventional and LEG bearings are sim-
ilar. Secondly, for LBP, temperature distributions on the loaded
pads of the LEG bearing are similar, whereas those of the
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e

conventional bearing are different, viz. pad #2 is hotter than
pad #1.

Effect of Oil Flow. Tests to determine the effect of rate
of oil flow on maximum bearing temperature were made by
varying the flow rate between 50 and 150 percent of the nominal
values (see Table 1). Figures 9 and 10 show results from the
conventional and LEG bearings, respectively, for both LBP
and LOP and a load of 11.2 kN. Figure 9 shows that the
temperature of the conventional bearing changed by only 2C
as a result of varying the flow (with higher flow rates, slightly
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Fig.11 Maximum pad temperature versus shaft speed. Comparison of
calculated and experimental results. Conventional bearing, load 11.2 kN,
LBP.

lower bearing temperatures may have been the result of in-
creased cooling by the cold oil. However, these variations are
small and within the uncertainty of the measurement). In the
case of the LEG bearing (Fig. 10), the change in maximum
pad temperature reached 6C when the flow rate was varied
between 50 and 150 percent of the nominal flows.

Comparison of Theoretical and Experimental Results

A comparison of test data from the conventional bearing,
with results obtained from the Heshmat and Pinkus relation-
ships (Egs. (3) through (7)) and the author’s mixing equation,
are shown in Fig. 11. For LOP (Fig. 11(a) ), agreement is very
good. However, for LBP (Fig. 11(b)) the mixing coefficient
represented by Eq. (5) underestimates the effect of hot oil carry
over, particularly at higher shaft speeds. For example, at 16500
rev/min the predicted maximum pad temperature is 12C lower
than the measured maximum temperature. Figure 11(b) shows
also that, for this particular study, the simple mixing Eq. (15)
gives better correlation with the experimental results.

Figure 12 presents a comparison of the calculated pad tem-
perature profiles (from the simple mixing theory) with the
measured results, for a speed of 16500 rev/min and a load of
11.2 kN. Figure 12(a) is for LBP, and 12(b) is for LOP. There
is fairly good agreement between the calculated and measured
temperatures, particularly in the vicinity of the leading and
trailing edges of the pads. This leads the authors to conclude
that Eqs. (15) and (16) may be used, with a reasonable degree
of confidence, to predict leading edge oil temperatures in the
conventional and LEG bearings, respectively. Further confir-
mation is to be found in Figs. 13 and 14, which show good
correlation between measured and calculated maximum pad

Transactions of the ASME




Fig. 12 Pad temperature distribution. Comparison of calculated and
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temperatures for a range of shaft speeds, and loads of 11.2
and 5.2 kN, respectively.

Discussion

Analyses of the conventional and LEG bearings have shown
that the difference in their thermal behavior is the result of
hot oil carry over between adjacent pads. In the case of the
conventional bearing, a comparison of the theoretical and ex-
perimental results (Figs. 12, 13, and 14) has shown that most
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hot oil leaving the trailing edge of one pad is carried over to
the leading edge of the next adjacent pad. The balance comes
from the cold oil supplied to the bearing. In the case of the
LEG bearing, all cold oil supplied to the leading edge groove,
with the exception of any side leakage from the groove, is
pulled, by the action of the rotating shaft, into the oil film.
(This assumption is made on the basis that the oil pressure in
the leading edge groove is not sufficient to cause oil to flow
in a direction opposite to that of the shaft rotation.) Hot oil
carried over from the trailing edge of the previous pad provides
the balance of the flow at the leading edge of the pad. As a
result, hot oil carry over in the LEG bearing is reduced and
this results in significantly lower pad operating temperatures
when compared to those of the conventional bearing.

With regard to the similar leading edge temperatures meas-
ured on the bearings (see Fig. 8), this may be the result of heat
conduction through the pad. However, a more likely expla-
nation is that the hot and cold oil streams are not fully mixed
at the leading edge of the oil film. This would confirm the
earlier observations of Ettles and Cameron (1968) and Heshmat
and Pinkus (1986) who postulated that a layer of hot oil adheres
to the surface of the shaft, while cool oil supplied to the bearing
enters the oil film at a point directly adjacent to the pad surface.
Assuming that this effect occurs in both types of bearing, this
would seem to be the most likely explanation for the similarity
in their leading edge temperatures.

To explain the effect of oil flow rate on the thermal char-
acteristics of the bearings, one needs to consider oil conditions
at the inlet region of the pad. In the case of the conventional
bearing, it was shown that a variation in the oil flow rate had
little effect on bearing temperatures. That is, increasing the
flow rate by 50 percent was ineffective, as indeed was a 50
percent reduction in flow. Presumably, this is because there
is always sufficient cold oil in the cavity of the bearing to
provide the leading edge of each pad with the right amount
of “‘make up” flow (g,). The result is that bearing tempera-
tures remain much the same, regardless of oil flow rate. How-
ever, decreasing the oil flow to the LEG bearing will result in
a reduction in the amount of cool oil entering any one pad.
Consequently, to make up the balance, more hot oil from the
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previous pad is required and this results in higher bearing
temperatures (Fig. 10).

Conclusions

1. The leading-edge-groove bearing, when compared to the
equivalent conventional bearing, has been shown to operate
with lower babbitt temperatures. Theoretical analysis has shown
that this is the result of feeding cool oil directly to the leading
edge of the pads. This has the effect of reducing the amount
of oil carried over from one pad to the next.

2. To calculate the oil temperature at the leading edge of
the pads of the conventional and LEG bearings, simple ‘‘mix-
ing’’ equations have been proposed. When these equations are
used in full thermohydrodynamic models of the two bearing
designs, theoretical results are obtained which are in good
agreement with experimental data.
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